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ABSTRACT 
Author: Naiara Petralanda 
Title: Design and Numerical Evaluation of a Counter-Rotating Compressor in 
the Absence of Boundary Layer Control: Part I 
Institution: Embry-Riddle Aeronautical University 
Degree: Master of Science in Aerospace Engineering 
Year: 2008 
The purpose of this thesis was to design and evaluate a three stage counter-
rotating compressor that employed well established design principles and technologies 
using a phased approach. The objective of the first phase was to generate the preliminary 
annulus shape and estimate the major parameters by modeling the flow as inviscid and 
time independent. The second and third phases refined the design approximating the flow 
using Euler's equations and the Navier-Stokes equations respectively. 
The performance predictions decreased as the design move forward and more 
accurate flow and loss models were used. The final three dimensional analysis, which 
was limited to the individual blade analysis, predicted pressure ratios of 2.26 and 1.60 for 
the second and third stage rotors at 0.91 and 0.85 adiabatic efficiencies. Stator blade 
performances were satisfactory while rotor blade performances could have been 
improved if more suited supersonic airfoil sections would have been employed. 
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1. INTRODUCTION 
1.1. COUNTER-ROTATION AND LITERATURE SURVEY 
Figure 1: Three Stage Counter-rotating Compressor 
Since the first application in the 1930s, turbojet engine designers have 
continuously searched for ways to improve efficiency and operation. In 1943 the 
introduction of the turbofan engine provided the first and most significant breakthrough 
Developments and investigations following that of the turbofan focused mostly on the 
improvement of the overall engine pressure ratio. 
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Early turbofan engines were composed of an inlet nozzle, fan, compressor, 
combustor, turbine and an exit nozzle. Generally speaking, older turbofan engines were 
no different than modern turbofans; their over-all pressure ratio was eight times less on 
average. One may wonder how such drastic performance change could have happened 
when the basic operation of the engine remained unchanged. To answer this question 
Euler7s Turbomachinery equation should be examined 
Equation 1: Euler's Turbomachinery Equation 
M0=Clr2Vu2-ryu, 
where, 
Q = wheel speed 
r2 = rotor exit radius 
r, = rotor inlet radius 
Vu2 = tangential velocity component at the rotor exit 
Vu, = tangnetial velocity component at the rotor inlet 
This equation is an approximation that can be used to asses the main factors 
involved in the total fluid energy conversion across a compressor stage. Euler's equation 
suggests that there are two ways to increase the stage work: the first one would be 
through an increase in the wheel velocity while the second method involves increasing 
the change in the tangential velocity across the rotor. 
For many decades, the general trend followed by designers was to increase wheel 
speeds which resulted in the now commonly found supersonic compressor. The stage 
work capacity for such compressors is greater than for their subsonic counterparts but 
unfortunately so are the viscous and shock losses. Early designs of highly loaded 
compressors not only helped reinforce the importance of implementing conventional 
design criteria but they also helped establish the criticality of diffusion factor in keeping 
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the losses within reason. Years of research included but were not limited to aerodynamic 
and computational innovations such as low aspect ratio blades and three dimensional 
design codes. But while such innovations led to huge performance improvements it is 
now time to seek other avenues to increase the stage work capacity. 
Increasing the swirl change across the rotor provides another method to improve 
the work capacity. The amount of change obviously depends on the conditions of the 
inlet flow and the amount of net deflection that the blade can impart on the flow. For the 
same blade, in a co-rotating compressor, the maximum change in flow swirl occurs in 
cases where the inlet flow is perfectly axial. On the other hand, if the rotor was to change 
the direction of the flow through counter-rotation, the change in swirl would be 
substantially larger. This concept can be visualized in Figure 2, where the three different 
cases are depicted. 
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CASE1 
standard co-rotating compressor 
CASE 2 
Co-rotating compressor with axial 
inflow 
CASE 3 
Counter-rotating compressor 
Figure 2: Flow swirl depiction 
The potential benefits of counter-rotation are not new in the turbo-machinery 
industry Reports of investigations can be found as early as in the 1950s One of the 
oldest and most relevant to this research is Wilcox's [17] investigation on a two stage 
counter rotating supersonic compressor His conclusions were based on a one 
dimensional and an approximate three dimensional analysis of a two stage counter 
rotating compressor operating at different blade speeds including implementing an inlet 
guide vane in one of the cases It was concluded, that a 5 1 pressure ratio was obtainable 
without exceeding the aerodynamic limitations of that time The application of mlet guide 
J •/ U 1 J 
"N 
y =i M v/jii 
^ 
"\ 
y -i u^ </ui) 
j 
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vanes did not impart clear benefits and it was estimated that potential difficulties could 
arise since they could be harmful to the enthalpy distribution. 
Wilcox's findings provided analytical evidence of the potential advantages of 
counter-rotation but in order to prove it, testing would be necessary. Consequently four 
investigations following Wilcox s completed the work by designing and testing the first 
and second stages. 
In the first investigation Wilcox & Wright [18] designed, built and tested a highly 
loaded transonic compressor rotor. The design conditions aimed for a pressure ratio of 
2.03:1, with a weight flow area of 29.2(lb/s)/ft2 and an adiabatic efficiency of 92%. The 
rotor test results produced a pressure ratio of 2:1, with the same weight flow area but an 
adiabatic efficiency of 87%. Experimental observations linked the lower than expected 
rotor performance to the rotor tip losses. Furthermore, these same losses suggested that 
tip loadings on the rotor would invalidate the design for this particular operating Mach 
number range. The application of the transonic rotor in a co-rotating compressor was also 
evaluated and determined not to be adequate because operation at speeds in excess of 
80% of the design speed resulted in transonic exit Mach numbers. 
The purpose of the second investigation by Wright & Wilcox [19] was to vary the 
blade loadings in an attempt to identify the sources of the losses. Normal viscous 
boundary-layer momentum, suction-surface shocks, tip-clearance and separation along 
with secondary flows at the inner and outer walls were found to be the main causes of 
losses. For the double circular arc blades used during the tests, the highest pressure ratio 
found was 2.03:1 while operating at 87% adiabatic efficiency. It was determined that 
excessive losses occurred while operating at such high pressure ratios thus, for the time 
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being, the lesser pressure ratio of 1.56 at 70% operating speed was deemed appropriate. 
This pressure ratio was higher than that found on standard rotors of that time but 
currently, more performance would be needed before any designer would attempt to cope 
with the additional complications that counter-rotation would bring. 
The third study, which was also performed by Wilcox & Wright [20], investigated 
the design and the over-all performance of the second stage rotor. The study concluded 
that the flow rate going through the second stage rotor was restricted when operating at 
design speeds. Observations made while operating the second stage rotor at lower speeds 
suggested that the first stage rotor would be operating within the stall region. Thus, it was 
concluded that the second stage rotor would have to be modified by increasing the flow 
area to be able to operate the first stage outside the stall region and increase the flow rate 
capacity. 
The fourth study made by Wilcox & Stevans [21] compiled the modifications 
made to the second stage rotor and the over-all results of the two stage counter-rotating 
compressor. The area of the second stage rotor was increased to help with the previously 
found flow limitations. The changes while limited due to the physical constraints on the 
rotor hub allowed the compressor to operate outside the stall region and thus made the 
design operable. The performance of the two stage counter rotating compressor was 
predicted to have a 4.5:1 pressure ratio with a weight flow area of 28.15 (lb/s)/ft2 and 
adiabatic efficiency of 71%. 
The next most relevant attempts to investigate counter-rotation came from MIT. 
Two different theses focused on the potentialities of counter-rotation coupled with blade 
aspiration. The first one was conducted by Freedman [4] and covered the stream line 
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analysis of a three stage aspirated counter-rotating compressor and its refinement, using 
an axis-symmetric solver. The results led to the conclusion that a 27:1 pressure ratio was 
obtainable and that a conventional rotor-stator configuration was optimal. Kirchner [8] 
conducted the second investigation which focused on a two stage aspirated counter-
rotating compressor. In this case the compressor was designed using a one-dimensional 
code and refined using an axis-symmetric code but unlike in the previous case the 
required blade sections were designed using a quasi-three-dimensional code. The results 
gathered concluded that a pressure ratio of 9.1:1 was obtainable. 
While the MIT theses produced some encouraging results, one should not forget 
that in both cases two innovations were simultaneously implemented. The synergism 
between aspiration and counter-rotation may lead to the perfect compressor but for the 
time being the complexity and potential problems are not clearly understood. 
Furthermore, it should be clarified that there is still much to be known about both 
aspiration and counter-rotation. 
One way to generate the necessary knowledge on aspiration and counter-rotation 
would be to isolate each concept and study them independently. Investigations focusing 
solely on aspiration are currently being conducted but those focusing in counter-rotation 
have either been dormant or highly proprietary. Since the 50s many aerodynamic 
advances have taken place. Consequently, it is now worth taking a fresh look at counter-
rotation. 
While the studies conducted in the 50s proved the potential stage work increase 
through counter-rotation, the performance delivered was not as impressive as initially 
expected. This could be because the blade design was frozen early in the investigation 
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and as a result, any modifications made in the area change, operating speeds or any other 
factor led to a performance penalty. Additionally, having fixed the blade design did not 
allow to look into the full potential of counter-rotation. This time around, a new route 
would be taken. The blade designs would remain flexible as long as the investigation 
would allow because as flow problems arise, the designers would have the ability to 
modify as much of the compressor as needed in order to have a compressor that would 
operate according to the physical limitations while still delivering great performance. 
1.2. GENERAL PROCESS 
When building a compressor, the designer starts with an infinite amount of 
possible combinations because parameters like the number of stages, the stage 
configuration, the pressure ratio, operating flow and many other aspects are yet to be 
determined. But as the one-dimensional analysis advances the designer is forced to make 
different decisions and freeze certain compressor characteristics. At the completion of the 
one-dimensional analysis along with the quasi two-dimensional analysis, the compressor 
design is said to be finalized. 
Decades ago, some well established blades would have been superimposed onto 
the design and the compressor would have been constructed and tested. Many failure 
modes remained undetected until the compressor was bolted to the stand resulting in 
many failed designs or designs with performance levels far below expectations. Needless 
to say, these kinds of surprises were very costly. 
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In an attempt to bring designer expectations closer to reality, numerical 
techniques capable of solving the Navier-Stokes equations and the simpler Euler's 
equations were developed. At the same time computational capabilities were also 
improving. Coupling the two allowed designers to anticipate many potential problems 
before they occurred. As a result, it is now standard practice to take the design through a 
much more rigorous analytical process. 
The specific approach used to generate the information needed to construct the 
compressor depends on the designer and the tools available to the designer. The table 
below depicts the steps specific to this particular three stage counter-rotating compressor. 
Table 1: Analytical Process 
ANALYSIS TYPE 
O-e D ^ensona l = f /ear -
ne 
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re1ect t~e huo a rd tip flow 
corditions 
•| — piemen: a ^ ore 
ace ta te tow moce! 
•De^-e the d fe ren t rcv.s 
at di"tferG't scan locations 
-Br doe the gap between 
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•Fast 
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•AJ o*,vs s<-person : l ows 
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f ie ces grers s-. Is 
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•Losses are treated .- H 
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•AJ s-ics«.s are ^ c c e ec as 
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The first step in the tabulated process is the one-dimensional analysis. During this 
phase, only broad observations were made. Nevertheless it was a critical step that defined 
the much needed annulus geometry and the mean-line flow conditions. The quasi two-
dimensional analysis that followed was nothing more than an extension of the previous 
step. It took the mean-line work distribution and applied it along the tip and hub sections. 
The reliability of these results was limited and highly dependent on the designer's skills. 
It was vital to make accurate estimations on the efficiency and other design choices to 
guide the design along a successful road. 
The axi-symmetric investigation was the liaison between the one and the three-
dimensional analyses. It computed the flow conditions along the entire span of the blade 
leading and trailing edges by approximating the flow as three dimensional and inviscid. 
While it did not get the design ready for testing, it did indeed reduce the potential 
problems that could arise during the three-dimensional analysis. 
The purpose of the three-dimensional analysis was to refine the compressor by 
simulating the flow using the Navier-Stokes equations. The results gathered during this 
phase were not guaranteed to match those from testing, but they were certainly closer in 
accuracy than those compiled during the one-dimensional or axi-symmetric analysis. 
Completion of the four analytical steps would be labor intensive and time consuming. 
The following chapters will take an in depth look at the one-dimensional and 
quasi two-dimensional analyses of the entire compressor, and the three dimensional 
analysis of the second and third stages. A brief overview is included to explain the axi-
symmetric analysis but for more details the reader should refer to Cassano[2]. 
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2. ONE DIMENSIONAL MODEL 
2.1. INTRODUCTION TO THE ONE DIMENSIONAL ANALYSIS 
Figure 3: Counter-rotating Compressor 
Flow passing through the compressor section is three dimensional, time 
dependent and viscous. An accurate model of the fluid motion would require the 
implementation of the well known Navier-Stokes equations. However the complex nature 
ll 
of these equations requires an extensive computational effort. Consequently, conducting 
the initial analysis would necessitate a simpler and more manageable approach. 
To simplify the Navier-Stokes equations two major assumptions were applied: 
first, the motion of the flow was time independent and second, the gas was inviscid. On 
one hand, these assumptions helped reduce the computational efforts but on the other 
they added significant uncertainties. One could explain away part of the uncertainties by 
arguing that viscous effects are confined to a thin boundary layer. But in order to correct 
for the difference between the real and the design flow conditions, a correction factor 
based on empirical data would be necessary. To further simplify the analysis, the flow 
was divided into individual streamlines with no radial mixing and the radial component 
of the flow velocity was neglected. The methodology created based on all of the 
assumptions was not unique to this design and it is a process that has been widely used in 
the design of air breathing engines. 
Once the equations of motion were selected, the five step process shown in Figure 
4 commenced. The first step was to determine the conditions of the flow entering the 
compressor. In this particular case, the compressor was designed to replace a typical 
intermediate pressure compressor. Thus, flow values at the inlet of the core compressor 
from typical high bypass ratio turbofan engine were taken. Shown in Table 2 are the 
numerical values corresponding to each of the parameters. 
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Figure 4: One dimensional Analysis 
Mabs 
0.663 
a(°) 
-36 
Ts(K) 
265.992 
Ps(Pa) 
43785.1 
Table 2: Inlet conditions 
P (kg/m3) 
0.574 
s (J/kgK) 
0 
xm(m) 
0.0113 
Cp (J/kgK) 
1002.99 
R (J/kgK) 
287 
m'(kg/s) 
30 
The next step was to create a set of numerical guidelines that, at least at first, 
would allow the incorporation of a simplified loss model and reduce the number or extent 
of structural and flow related problems. These margins were compiled from historical 
data obtained from highly loaded co-rotating and counter-rotating compressor 
investigations. The value and purpose of the main parameters are explained in 
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2.3. DESIGN GUIDELINE. 
The latter part of the design consisted of an iterative process. During the first 
iteration, the designer assigned the desired numerical values to all the design choices. 
Then, by using an excel spread sheet, the numerical computations were executed and the 
thermodynamic, aerodynamic and geometric values of the compressor were obtained. 
With this information at hand, the results were cross checked to see if the performance 
and compressor characteristics fell within the previously established design guidelines. 
At this point, the designer would modify some of the design choices and the iterative 
process would resume. The iterative process would not cease until the "righf' design 
choices were found. The "righf' design choices were specific to the project and the 
designers' expectations. In this case, great importance was given to meeting design 
guidelines, thus the "righf' design choices were those that gave the best performance 
while operating within the guidelines. 
2.2. DESIGN CHOICES 
The design choices are unique to each and every design. They depend on the 
design requirements as well as the limits of available technology. When selecting the 
design choices there are many options, but the main purpose is to help create an optimum 
compressor without over constraining the design. The specific number of choices and the 
values corresponding to this counter-rotating compressor are shown in Table 3. 
14 
Table 3: Design Choices 
Stage IGV 
n 0 89 
IGV Stator 
03 
\/a, multiplier 
NoB 
AR 
TR 
rm multiplier 
q/c 
c 
-10 
1 1 
44 
J 
1 05 
1 03 
0 2 
0 07 
Stage 1 
n 
TT 
RPM 
0 9 
3 1 
13750 
Stage 1 rotor 
\'aj, multiplier 
NoB 
AR 
TR 
H f ratio 
rm multiplier 
g/s 
0 95 
54 
1 05 
0 95 
0 55 
1 125 
0 25 
Stage 1 stator 
DH 
a, multiplier 
NoB 
AP 
TR 
rm multiplier 
g/s 
c 
0 675 
1 023 
49 
1 15 
1 05 
1 005 
0 2 
0 07 
Stage 2 
n 
TT 
PPM 
0 85 
2 8 
-14700 
Stage 2 rotor 
w'a, multiplier 
NoB 
AP 
TP 
rm multiplier 
9^ 
1 075 
120 
1 05 
0 05 
1 025 
0 25 
Stage 2 stator 
DH 
Va i multiplier 
NoB 
AP 
TR 
rm multiplier 
q/s 
*> 
0 8 
1 15 
^c 
1 4 
1 05 
1 015 
0 3 
0 07 
Stage 3 
n 
TT 
PPM 
0 89 
1 8 
10000 
Stage 3 rotor 
Va* multiplier 
NoB 
AR 
TR 
rm multiplier 
3'': 
1 05 
224 
1 1 
0 95 
1 01 
0 3 
Stage 3 stator 
'a, multiplier 
NoB 
AP 
TP 
rm multiplier 
9'* 
f 
Ao? 
1 05 
117 
1 4 
1 05 
1 005 
0 35 
0 07 
-25 
For each stage, the isentropic efficiency, pressure ratio and wheel speed were 
selected. For all the cascades the number of blades, the axial velocity multipliers, the mid 
radius multipliers and the axial gap to pitch ratios were selected. For all the blades, the 
taper and aspect ratios were chosen and unique to the stator blades were the loss 
coefficients and De Haller numbers. 
The location of the first stage inlet needed to be set to a specific radial position. 
As a result, the hub to tip ratio of the first stage rotor blade had to be selected. Another 
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requirement was to remove part of the flow swirl before exiting the compressor thus the 
change in the flow angle across the last stage stator was specified. 
2.3. DESIGN GUIDELINES 
The design guidelines listed in Table 4 were used to minimize not only the 
aerodynamic problems but also the mechanical difficulties that could arise later in the 
design. One could think of them as a collection of empirical values obtained by different 
designer experiences to help create a "good" compressor. 
Table 4: Design Guidelines 
Stage 
RPM 
A 
V 
i . 
< 
-
15000 
0 6 
04 
Blade 
H/T 
C ri«jn_£<jper_omc 
O" sup*rrornc 
DF 
~ 
-
~ 
< 
05 
0 9 
Mr-HJ 1 
06 
Flow 
DH 
l^abr t rtat-T 
M r t rotor 
Ma, 
02 h 
A a 
Pit 
£p 
> 
-
-
-
-
<-
< 
< 
0 66 
1 7 
1 7 
1 
72 
45 
72 
45 
Mechanical concerns limited the wheel velocity, hub to tip ratio and the tip Mach 
numbers. By examining Equation 2, 
Equation 2: Centrifugal Tensile Stress 
G Lt
 max 
= A u§ 1- HIT 
one can see that centrifugal stresses are proportional to the square of the tip velocity as 
well as to low values of hub to tip ratios. Thus, the rpm was limited to 15000 and the hub 
to tip ratios were to exceed 0.5. This was a strategic approach to keep the blade stresses 
within reasonable values. 
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The absolute and relative flow Mach numbers were limited to values of less than 
1.7 while the axial components were restricted to subsonic values primarily to prevent 
excessive shock losses. While shocks are present in all supersonic flows for Mach 
numbers below 1.7 the performance benefits outweigh the shock loss penalties. As a 
result it is now common to find rotors operating at low supersonic flow conditions [14]. 
One of the most critical concerns for all compressor designers is the risk of stall, 
which is often caused by flow separation. Unlike turbine sections, compressors operate 
under adverse pressure gradients which increase the potential for boundary layer 
separation. It is imperative for designers to manage the pressure rise to ensure a proper 
stall margin. Consequently limits on the inlet angle, flow deflection angle, diffusion 
factor and De Haller number were employed as flow separation guidelines to reduce the 
risk of separation at off-design conditions. 
It is widely accepted that the blade element total pressure loss is a good indicator 
of flow separation. Research studies completed by Lieblein et all in the 1950s [10] 
indicated that loss increases were especially significant in cases where highly loaded 
blades were coupled with flow inlet angles of 60° to 70°. Nowadays, the acceptable inlet 
flow angle for a highly loaded blade is slightly higher as shown in Table 4 but 
nevertheless, Lieblein's values are a good guideline to be followed. Experience has also 
shown that the net deflection angle should remain below 45° in order to prevent flow 
separation on the blade suction surface. Consequently the maximum flow deflection 
across the rotors and stators was limited accordingly. 
The most significant of the limitations used to prevent boundary layer flow 
separation was derived by Lieblein et all [10] in 1953. Through extensive experimental 
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research he derived the Diffusion Factor which effectively related the separation of the 
frictional boundary layers on the suction surface of the blades to the deceleration of the 
flow. The empirical relation is shown in Equation 3 
Equation 3: Diffusion Factor 
V V -V 
Vx 2xaxV, 
Lieblien et all [10] arrived to this conclusion from the separation criterion used 
for incompressible, two dimensional, turbulent boundary layer theory which is shown in 
Equation 4. 
Equation 4: Separation Criterion 
V dx 
The approximations that Lieblein et all [10] made no longer required the 
boundary layer thickness, Reynolds number or velocity gradient values but the much 
simpler velocity components. The new variables used, were obtained early in the design 
allowing the designer to approximate the limiting flow deflection. 
The Diffusion Factor limit was set to 0.6, because as Lieblein et all [10] 
explained, when values were greater than 0.6, there was a large increase in losses that 
could lead to stall. Although the application of the Diffusion Factor was for subsonic 
sections, years of experience have shown it to be a good indication of successful design 
for a wide range of compressors [16]. In the absence of a better criterion it was decided to 
implement the Diffusion Factor as a design guideline. 
Careful inspection of Equation 3 shows that the total and tangential velocity 
components relative to the blade are used. For any design, the absolute velocities are 
always positive but the tangential components may change sign depending on the 
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difference plane from which they are measured. In traditional compressor analysis, the 
velocity components are represented in a scalar form and as the flow passes through the 
blades the tangential component decreases due to diffusion. This results in Vtt] being 
greater than Vu2 with a net positive value (Eq 2). For counter-rotating compressors, 
instead of a scalar notation, a vectorial notation is used to represent the flow velocity 
thus; the subtraction will have a positive result if the rotation is along the positive 
rotational axis while the result will be negative in cases where the rotation opposes the 
positive rotational axis. The purpose of such value is to get a numerical estimation of the 
circulation change. Therefore, for cases where the tangential components are negative a 
modified Diffusion Factor equation had to be used. Equation 5 was derived from the 
Diffusion Factor equation (Eq. 2) to create a "counter-rotation friendly'' version. 
Equation 5: Counter-rotating Diffusion Factor 
V{ 2xcjxVx 
The final parameter used to reduce the likelihood of flow separation was the De 
Haller number. Before Liebleins findings, the De Haller number was widely used for 
rotor as well as stator blades. In this case, it was implemented to the stator blades to limit 
the permissible diffusion rate across the cascade. Experimental results suggested that for 
De Haller numbers bellow 0.68, diffusion rates were too high and the likelihood of 
separation and thus compressor stall increased. 
Critical to the design was also the shape of the annulus walls. Although 
calculations led to the location of the aerodynamic stations, it was up to the designers' 
discretion to join them together. Consideration was given to the fact that constant outer 
diameter compressors are used in aircraft applications to keep the number of stages to a 
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minimum. At the same time, it is also known that increasing the midline radii decreases 
the aerodynamic instabilities along the hub and that inner casing angles greater than 
30° may cause manufacturing and flow separation. Accordingly, an ascending mid radius 
multiplier was inserted in lieu of a more uniform outer casing while the hub hade angle 
was limited to 30°. Later in the design it was determined that the maximum hub hade 
angle would not provide the reduction of cross-sectional area required therefore, an 
additional 3 ° downward slope was necessary for the outer casing. The outer annulus wall 
was generated using a straight line while the inner casing used a fourth order polynomial 
equation to prevent sharp curves that would lead to flow separation and large pressure 
gradients. 
Figure 5: Three Stage Counter-rotating Compressor Annulus 
The last of the numerical guidelines was the flow coefficient. It is a critical 
performance guideline because it determines the incidence angle. The permissible range 
of values was set to remain within 0.3 and 0.9. The lower limit represents better stage 
efficiencies due to the smaller frictional losses while the upper limit represent less stages 
and a reduced frontal area. Thus the upper limit, although it was considered, was not 
enforced to the same degree as the lower limit. As a result, the flow coefficient for the 
third stage was 0.95. 
Overall, non numerical guidelines were followed to ensure the best compressor 
design possible. The most significant were the progress of the pressure ratio and number 
of blades. The pressure ratio was to decrease from the first to the last stage while the 
blade count varied from one cascade to the next and increased in number. 
2.4 COMPUTATIONAL PROCESS 
2.4.1 GENERAL REMARKS 
The purpose of the analysis was to define the flow aerodynamic and thermodynamic 
conditions. To execute the computations the following assumptions should be 
reconsidered: 
• The flow is inviscid 
• The flow is time independent 
• The flow is modeled as a stream tube for which heat transfer effects are 
negligible. 
These postulations allowed the designers to make use of the isentropic flow relations 
shown in Equation 6 
Equation 6: Isentropic Ideal Gas Temperature Relation 
T _ 1 
TTI + ^ M ^ 
2 
and Equation 7. 
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Equation 7: Isentropic Ideal Gas Pressure Relation 
r 
p_ 
( vr_, 
\
 + ^±M> 
Equation 8 was applied because the mass flow was conserved throughout the compressor. 
Equation 8: Conservation of Mass 
m = pVaxA 
Modeling the flow in stream tubes meant that the only means of energy gain was 
mechanical energy transfer. Thus the energy of a flow stream tube increased through the 
rotor blades due to the rotational motion, and it remained constant through the stator 
blades. This is shown in Equation 9 
Equation 9: Work done by the rotor 
M ) Rotor = & 
and Equation 10 
Equation 10: Work done by the stator 
in the form of total enthalpy. Representing the state of a gas is usually more convenient 
when using velocity terms as a result, Euler's Turbo Machinery equation (Equation 11) 
Equation 11: Euler's Turbo Machinery Equation 
Ah0 = Vu2U2-Vu]U 
was used during the computational process. 
To expand the analysis and generate "quasi two dimensional" results one should 
look at the radial distribution of the pressure gradient from hub to tip at each station. The 
pressure distribution is a result of all the velocity components of the flow but if the axial 
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flow component is constant along the radii and the radial component is neglected, one 
can derive the widely used radial equilibrium equation shown in Equation 12. 
Equation 12: Radial Equilibrium 
1 dP _ Vu2 
p dr r 
Along the radii, if the work is evenly distributed and no losses occur Equation 13 
can be derived which is known as "free vortex" 
Equation 13: Free Vortex 
rVu = constant 
Two different reference frames exist in this analysis: the absolute and relative. 
The absolute is used for the stator blades while the relative frame of reference is 
necessary for the rotor blades. A stationary observer could not view continuous stream 
tubes across the rotor blades thus a relative frame that moved with the blades had to be 
established to be able to implement the simplified analytical approach. 
Unique to the design was the specific heat iteration. Due to the large pressure 
ratio, the temperature changes across the stages were expected to be significant, thus, the 
Cp values could not be assumed constant. For the approximation, a fourth order 
polynomial equation was created. First the specific heat variations with respect to 
temperature were plotted for air under low pressures. The values were obtained from Hill 
and Peterson [6] and to approximate the specific values the following equation was used: 
Equation 14: Specific Heat Equation 
C^ = 1013.5341-(7.7932xl0-3)xT-(l. 0122 xlO"5)x(D2 +(7.1887 x 10'7)x (7)3-(5.2434x 10K,)x (T)4 
A more common iterative process was the one used to approximate the flow 
density between the rotor and stator blades. The first iteration used an average density 
value while the following iterations used the value calculated during the previous 
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iteration. The sequence of steps was basic. First the density value was inserted into 
Equation 15 
Equation 15: Stator Loss Coefficient 
P -P 
& _ J 02 l 03 
to calculate the total pressure. The total pressure was then used in Equation 7 to get the 
static pressure and finally, Equation 16 
Equation 16: Ideal Gas Equation 
P = pRT 
was used to compute the density. 
The aerodynamic and thermodynamic flow profile was generated by coupling the 
above assumptions with the design choices. Overall, the compressor was designed and 
analyzed along aerodynamic computational stations that are shown in Figure 6. Station 1 
was upstream of the rotor leading edge, station 2 was set upstream of the stator blade and 
station 3 was set downstream of the stator blade. When transitioning from one stage to 
the next, station 3 was replicated by station 1 of the downstream stage as shown in Figure 
6. In addition, at every aerodynamic station, the free vortex assumption was used to 
expand the velocity diagrams to reflect the conditions at the hub and the tip. The 
convention used to define the "tip" and the "hub" of a blade was based on the shaft and 
casing location. The point closest to the shroud was defined as the "tip" while the point 
closest to the shaft was defined as the "hub", as shown. 
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AERODYNAMIC STATIONS 
IGV 
STAGE 1 
STAGE 2 
STAGE 3 
TIP 
• i 
HUB 
TIP TIP 
Hi IB HUB 
1 2 3^ 
HUB HUB 
1 2 3J
 T|P 
HUB 
1 2 3 
Figure 6: Schematic of Aerodynamic Computational Stations Definition 
The geometric stations were used mainly to define the outline of the blades. For 
each blade, the hub and tip locations at the leading and trailing edges were defined with 
respect to the radial and axial locations. The calculations were based on the spacing 
selected by the designer. 
2.4.2 INLET GUIDE VANE (IGV) 
The implementation of Inlet Guide Vanes (IGV) is not as popular today as it has 
been in the past. At one time IGVs were used to improve engine off design performance 
and to reduce the leading edge relative Mach number of the rotor. As technology 
progressed and engine design improved, benefits provided by the IGV were not 
significant compared with the added engine weight and overall complexity. 
Consequently, IGVs are not as common today as they were before. 
In spite of their disadvantages, IGVs have the potential to "fake" a counter-
rotating inflow into the first stage rotor and so a "counter-rotating friendly" IGV was 
used. To explain the difference between a conventional IGV and a counter-rotating one 
Figure 7 and Figure 8 should be referenced. In Figure 7, the absolute flow is guided 
toward the rotational motion of the rotor, as shown the V vector is the same direction as 
the U vector. While in Figure 8 the flow is guided away from the rotational motion. It is 
evident that when using the conventional configuration, the relative flow going into the 
rotor decreases in magnitude and so does the stage work capacity. On the other hand, 
when using the counter-rotating configuration, the opposite occurs. For most designs, the 
effects of a counter-rotating IGV would be risky and consequently not worth it, but for 
the purpose of this investigation a counter-rotating inflow was thought to be helpful. 
IGV 
ROTOR 1 
Figure 7: Conventional IGV 
IGV Vax 
Wu 
ROTOR 1 
Figure 8: Counter-rotating IGV 
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The representation of the flow velocity vectors along with the corresponding 
numerical values of the IGV are shown in Figure 9. Once again, the distinctive nature of 
the IGV is evident in the exit velocity triangle. 
IGV 
Figure 9: Inlet Guide Vane Velocity diagram 
The following table illustrates the numerical values obtained from the "one 
dimensional" calculations. 
Table 5: IGV Mid Line Results 
GEOM 
Variable 
Spanavq 
Staqqer anqle 
Axial chord 
Chord 
Pitch 
Solidity 
hub 
mean 
tip 
hub 
mean 
tip 
hub 
mean 
lip 
hub 
mean 
tip 
hub 
mean 
t,p 
ETRY 
Units 
m 
" 
» o 
m 
m 
m 
m 
m 
m 
m 
m 
m 
Blade 
Statoi 
0 1515 
-6 9766 
-5 0000 
-3 8907 
0 0736 
0 0755 
0 0773 
0 0742 
0 0758 
0 0775 
0 0249 
0 0358 
0 0466 
2 9751 
2 1190 
16639 
AERO 
Variable 
a 
V 
vax 
VII 
Area 
il> 
rm 
rt 
Mabs 
Max 
Units 
° 
m/s 
m/s 
m/s 
m2 
m 
m 
m 
Siation 
Two 
0 
216 8120221 
216 8120221 
0 
0 241060472 
0 168918126 
0 246682107 
0 324446089 
0663 
0663 
Three 
-10 
242 17236E7 
238 4932243 
42 05279016 
0 235526853 
0180316663 
0 25408257 
0 327848478 
0 748678959 
0 737304843 
THERMO 
Variable 
T 
TO 
P 
P0 
h 
hO 
s 
P 
a 
Cpavr 
Cp 
v 
yavr 
As 
Units 
K 
K 
Pa 
Pa 
J/(kq) 
J/(kq) 
J/(kqK) 
kg/m3 
m/s 
J/(kgK) 
J/(kqK) 
J/(kgK) 
Two 
265 992 
289 425599 
43785 1 
58812 95964 
266788 0134 
290291 7399 
0 
0 574 
327 0166246 
1002 992622 
1 40084212 
1 400887022 
Three 
260 2309744 
289 4718846 
39888 31271 
57868 57991 
260968 0123 
290291 7399 
4 790924553 
0 534078114 
323 4662387 
1002 912433 
1002 832245 
1 400931925 
1 400887022 
4 790924553 
2.4.3 STAGE 1 
The nature of the research required not only a counter-rotating compressor but 
also a high performance one. Thus, the first stage compressor pressure ratio was set to be 
3.1 and the rpm was set to 13750. These two design choices led to a supersonic relative 
flow Mach number going into the first stage rotor. The hub relative Mach number was 
1.23 and it increased along the radius to a value of 1.72 at the tip. With the exception of 
the tip relative Mach number, which was high, all of the operating values were within the 
design guidelines. 
Figure 10 and Figure 11, illustrate the velocity triangles corresponding to the first 
stage rotor and stator respectively. On the left hand side of Figure 10, the velocity 
triangles are drawn in the relative frame while on the right hand side, they are drawn in 
the absolute frame. The behavior of the velocity triangles of a counter-rotating rotor is 
not very different that those belonging to a co-rotating compressor rotor. The relative 
velocity decreases while the absolute velocity increases. The difference is in the fact that 
the counter-rotating rotor changes the direction of the flow swirl. The counter-rotating 
stator shown in Figure 11 is identical to a conventional co-rotating compressor stator. 
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Figure 10: Rotor 1 Velocity Diagram 
Figure 11: Stator 1 Velocity Vectors 
The numerical values obtained from the analytical approach are shown in Table 6 
and Table 7 The aerodynamic, thermodynamic and geometric results were cross checked 
against the design guidelines to confirm that they fell within the established limitations 
Table 6: Stage 1 Mean Line Results 
GEOMETRY 
Vinab le 
^panavq 
St iqgei mrjle 
Axial chord 
< hord 
Pilch 
| Solidity 
h u l 
mean 
t ip 
f-jh 
mean 
HP 
h b 
mean 
t p 
hub 
mean 
t i p 
hub 
mean 
t p 
Units 
m 
° 
° 0 
m 
m 
m 
m 
m 
m 
m 
rr 
rr 
Blide 
Rotoi 
0108873 
34 25c>7 
46 5549 
54 9 8 % 
0 073131 
0 071302 
0 06^474 
0 083515 
0 103689 
n i21CR, 
0 02^078 
0 03141 
0 037746 
3 ^ 9 6 3 
3 300%^ 
H206144 
Statoi 
0 0630 
30 4362 
28 215C 
26 448 
0 0471 
0 048^ 
0 04^4 
0 0546 
0 0^48 
0 0c51 
0 03.7 
0 0367 
0 0408 
1 66^1 
1 4901 
1 3C12 
AERO 
Variable 
a 
P 
V 
V 1 X 
VII 
w 
W l l 
U 
A i e i 
i h 
i m 
rt 
M"il»s 
M i 
M a x 
Units 
o 
° 
rr/s 
rr/s 
rr/* 
r n / 
rn/< 
r n / 
m 
rn 
m 
rn 
Station 
o n e 
10 
59 6861 
242 1724 
^33 493n 
42 0C & 
472 5102 
407 905 
365 85?6 
0 ^355 7 
0 180°17 
0 254083 
0 327848 
0 748679 
1 4f.r771 
0 ^ 3 0 J 
T w o 
49 15388 
d 42o7 
346 419J 
^26 5FR6 
262 0554 
271 463 
149 529 
411 5842 
0 P 6 1 0 5 
0 250736 
0 285843 
0 32095 
0 9209^7 
0 721i-h 
0 602-114 
Thiee 
"277107 
2J3 8331 
31 9496 
-•9 6 1 ^ ^ 
01U0563 
0 ^ 4 1 c 
0 287272 
0 315129 
r 5C>7"704 
C 5-^889 
THERMO 
Variable 
T 
TO 
P 
P 0 
h 
hO 
hOi 
s 
P 
a 
< |)1VI 
«l> 
, 
,avi 
1 
TOi 
A s 
AhO 
TOs 
Units 
V 
V 
P a 
P c 
J U q j 
J/fkqj 
J/fl-fl) 
i/fK^h 
V q/rn3 
rn/s 
J/(|.gk) 
J/fl-gK) 
J/kg 
V 
l/(kqkl 
Jfl-qj 
V 
Station 
<Mie 
260 ^ 1 
269 4719 
39888 31 
57868 58 
60968 
2 9 0 ^ 1 7 
^72600 9 
4 7909 5 
0 534078 
3^3 4562 
1002 33^ 
1 4 0 0 9 J 
371 5486 
T w o 
c
 681767 
410 156899 
106280 301 
183802 81? 
35557P 97 
41.634 746 
3^2424 483 
29 073274 
1 04999F^5 
376 16363^ 
1005 5227 
1008 21315 
1 39794061 
0 
389 227695 
n4 4164029 
•>3">4 006 
Thiee 
3d1 *l o 
411 8571 
140976 6 
179^9*F 
3d619 cH ! 
4135 4 7 
40 32104 
1 ^8614 
91 ^1o4 
1007 009 
1011 18c 
1 396^07 
1 398606 
0 
11 11372 
Table 7: Stage 1 Radial Equilibrium Results 
RADIAL EQUI 
HUB 
TIP 
Van<il>le 
a 
f> 
V 
vox 
VII 
w 
W l l 
U 
Ma lis 
M i 
Max 
a 
f» 
V 
vax 
VI I 
w 
W l l 
U 
Mobs 
Mi 
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c 
c 
rn/s 
rr./ 
rr 
rr 
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2.4.4 STAGE 2 
Stage 2 was not free from the performance requirements and thus the pressure 
ratio was set to 2.8 and the rpm was set to 14700. Needless to say, the relative flow Mach 
numbers going into the second stage rotor were supersonic from the hub to the tip just 
like in the case of the first stage rotor. The advantage of the second stage was that it had 
shorter blades which resulted in slightly smaller relative Mach numbers. 
Figure 12 and Figure 13, depict the velocity diagrams for the second stage rotor 
and stator, respectively. Just like in the first stage, the general performance does not vary 
too much from the conventional compressor stages but the absolute flow swirl does 
change direction across the rotor. 
REALATIVE ABSOLUTE 
Figure 12: Rotor 2 Velocity Diagrams 
Figure 13: Stator 2 Velocity Triangles 
The results obtained through the analytical calculations are shown in Table 8 and 
Table 9. Theses solutions suggested that the second stage was also operating within the 
design guidelines. 
Table 8: Stage 2 Mean Line Results 
GEOMETRY 
Vai iab le 
Spanavq 
S lK jqe i a iu j le 
A x n l chord 
Chord 
Pitch 
I Solidity 
hub 
mean 
t p 
hub 
medn 
tip 
hub 
mean 
t p 
hub 
mean 
HP 
hub 
mean 
t'P 
Units 
m 
° 
° 
° 
rn 
m 
rr 
m 
m 
m 
m 
m 
m 
-
Blade 
Rotor 
0 043528 
39 30561 
44 6 1 P 3 
49 114% 
0 030.R8 
0 02951 . 
0 C2B755 
0 039118 
0 041456 
0 043932 
0 01409 
0 01523 
0 016369 
2 776.85 
2 722052 
2 683803 
Stotoi 
0 0273 
43 3°90 
42 0900 
40 8968 
0 0141 
0U145 
0 0146 
0 0194 
0 0195 
0 0196 
0 0.37 
0 0249 
0 0.60 
0 8184 
0 7843 
0 7541 
AERO 
Vi inoh le 
<i 
t 
V 
vox 
VI I 
w 
Wll 
u 
Aie«i 
rh 
m i 
it 
Mobs 
Mi 
Max 
Units 
0 
* 
rn/o 
m/s 
m/s 
m/= 
rn/ 
m/s 
m2 
m 
m 
m 
Station 
One 
7 ^77107 
63 82196 
^ 3 8 31 
31 9496 
. 9 61923 
525 7698 
471 8403 
442 221 
1 100563 
0 259415 
0 28727. 
0 31M29 
U 597704 
1 343927 
0 592889 
Two 
53 3zdd 
. 5 40C49 
417 MJ7 
49 458 
^34 876 
276 0291 
118 4007 
45^ n7? 
0 057987 
0 ^78783 
0 294454 
0 310125 
0 94bc1 
0 6 ^ 9 4 
r 56F4 i 
Thiee 
j n 8C1 
334 0086 
.86 7477 
171 2 8 . 
_ 
0 043635 
0 872c 
0 '98P71 
0 3104P9 
0 743b. 
0 638403 
THERMO 
Variable 
T 
TO 
P 
P0 
1, 
hO 
hOr 
s 
P 
i 
1 p.ivi 
«l> 
, 
,OV I 
TOi 
As 
AhO 
Units 
V 
V 
Fd 
Pc 
J/f k q j 
J/O-cu 
J/(kq) 
J/(kqh 
l-q/m3 
rn/s 
J/fkqK) 
J/(kqkO 
V 
J iVqV 
J f k j j 
S t i t i on 
<>ne 
3 -1 C* 
411 h j4 
4 M7r F 
7H 9 1-
- iSF^cJ 
413534 7 
5^441^7 
40 32104 
1 .3614 
J91 189 
1011 135 
1 J 9 F J 0 ^ 
C18F11P 
Two 
4 h bi _.nc 
5b j 4^583^ 
B^F ig^ l 
514J58 004 
49^ 9Q516 
57P4.4 _,d5 
537 95 ^ d 
79 ddFH7J 
<. 07405094 
440 172054 
1018 8937^ 
1026 60206 
1 3ddU4651 
5 ^ 47015F 
dFF51 c F 
1F4P°9F4 
Thiee 
507 1775 
r 7 0 4839 
349003 8 
50 99 3 
522643 5 
5784.4 4 
99cl199c 
. 397663 
449 164 
1020 84 
1030 494 
1 33601^ 
1 39 094 
I ^ P ^ i c 
Table 9: Stage 2 Radial Equilibrium Results 
RADIAL EQUIL 
HUB 
I TIP 
Vanahle 
a 
f> 
V 
vax 
VII 
w 
W l l 
U 
Mabs 
Mi 
Max 
a 
f> 
V 
vax 
VII 
w 
W l l 
U 
Mabs 
Mi 
Max 
Units 
rj>qrpp= 
dpj rpe-
rn/c 
rn'''" 
rriK 
m/s 
rr c 
rn 
degrees 
degrpfS 
rn/ 
rr/s 
m r 
rn/ 
rn/ r 
rn 
IBRIUM 
RoToR j 
INLET 
8 0488ni 
61 ^ - ^ 
234 2E1*. 
_ 1 ^ 4 % 
^
 TCUR7 
4C»U 4 c2d 
4 <_ 138. 
- H 3 ° 6 
0 598T8o 
1 ^5jrs^ 
0 r ^ 3 8 ^ 
6 63-63P 
Bc 6 261 
2 J J C 1 5 F 
2^1 949E 
j-1 mn:C 
5E2 1R4P 
51^ 104? 
4^5 104 
0 P9ER9° 
1 43T0U8 
0 ^ S d 0 ! 
OUTLET I 
- 4 & 1 ? h 
1F8J f ft^ 
4~2 7554 
. 4 -1 J 4 C 8 
5 J 7 
^tn ^117 
^ 4 ^ 1 
42< 15. 
n ge 151 
n 5^1841 
n 5FT475 
^1 39c? 
-.^ CQ7--1 j 
404 0b4j 
.49 J4^8 
° P -F4 
^ 5 9b?2 
15J44F8 
47" 401 
0^17dE^ 
nr-7^9 
M5E647 
2.4.5 STAGE 3 
The third stage was the least loaded The pressure ratio was set to 1 8 and the rpm 
was set to 10000 This pressure ratio was not as high as desired but it was necessary in 
order to better manage flow separation at off-design 
The velocity triangles for the third stage rotor are shown in Figure 14 and for the 
third stage stator in Figure 15. The behavior was no different in this case than it was in 
stages one and two. The relative flow velocity decreased and the absolute flow velocity 
increased across the rotor while the absolute flow velocity decreased across the stator. 
The relative flow Mach number going into the rotor was also supersonic from hub to tip. 
RELATIVE 
S* 30108nvs 
0 
28e 75mfs 
ABSOLUTE 
'ni06m/s 
Figure 14; Rotor 3 Velocity Diagrams 
301 08m/s 
Figure 15: Stator 3 Velocity Vectors 
The stage thermodynamic, aerodynamic and geometric results are shown in Table 
10 and Table 11. 
Table 10: Stage 3 Mean Line Results 
GEOf 
Var iab le 
Spanavg 
Stagger angle 
Ax ia l chord 
Chord 
Pitch 
Sol id i ty 
hub 
mean 
tip 
hub 
mean 
tip 
hub 
mean 
tip 
hub 
mean 
tip 
hub 
mean 
tip 
flETRY 
Units 
m 
c 
• 
• 
m 
m 
m 
m 
m 
m 
m 
m 
m 
Blade 
Rotoi 
0 018727 
-39 4281 
-40 5769 
-41 6916 
0 013262 
0 012931 
0 012599 
0 01717 
0 017025 
0 016872 
0 008163 
0 008425 
0 008688 
2 103479 
2 020674 
1 942065 
Stator 
0 0135 
20 9314 
20 5328 
20 1477 
0 0088 
0 0090 
0 0092 
0 0094 
0 0096 
0 0098 
0 0159 
0 0163 
0 0166 
0 5933 
0 5930 
0 5928 
AERO 
Variable 
a 
f> 
V 
vax 
vu 
w 
w u 
U 
Area 
rh 
rm 
i t 
Mabs 
Mr 
Max 
Units 
• 0 
m/s 
m/s 
m/s 
m/s 
m/s 
m/s 
m2 
m 
m 
m 
Station 
One 
-30 851 
-59 3686 
334 0086 
286 7477 
-171 282 
562 7882 
-484 259 
312 9767 
0 043635 
0 287252 
0 298871 
0 310489 
0 743623 
1 252968 
0 638403 
Two 
33 03276 
-21 7851 
359 1361 
301 085 
195 7717 
324 2416 
-120 335 
316 1065 
0 026966 
0 294751 
0 301859 
0 308968 
0 730971 
0 659948 
0 612816 
Three 
8 032759 
319 2719 
316 1393 
44 61482 
0 024334 
0 296986 
0 303369 
0 309752 
0 650472 
0 
0 64409 
T 
Var iab le 
T 
TO 
P 
P0 
h 
hO 
hOr 
s 
P 
a 
Cpavr 
Cp 
V 
yavr 
TOr 
As 
AI.O 
Units 
K 
K 
Pa 
Pa 
J/(kg) 
Jflkfl) 
J/(kfl) 
J/(kgK) 
kg/m3 
m/s 
J/(kgK) 
J/(kqK) 
K 
J/(kgK) 
J/(kfl) 
HERMO 
Station 
One 
507 1775 
561 3077 
349003 8 
502299 3 
522643 5 
578424 4 
681008 8 
99 81995 
2 397663 
449 164 
1030 494 
1 386015 
660 8565 
Two 
611 892629 
658 834534 
648895 762 
920819 002 
644474 862 
693916 343 
697041 182 
117 380363 
3 69502873 
491 314048 
1041 87126 
1053 24828 
1 37455223 
661 801393 
17 5604141 
115491 958 
Three 
610 6235 
672 1747 
683418 2 
904138 7 
642949 1 
693916 3 
143 509 
3 8997 
490 8313 
1041 716 
1052 939 
1 374704 
1 380275 
.... _ 
26 12868 
Table 11: Stage 3 Radial Equilibrium Results 
RADIAL EQUIL 
HUB 
TIP 
Var iable 
a 
f> 
V 
vox 
VII 
w 
Wll 
U 
Mobs 
M i 
Max 
(i 
f> 
V 
vax 
VII 
w 
Wll 
U 
Mahs 
Mi 
M i x 
Units 
° 
° 
rn a 
rri/o 
rn/c 
rn/ 
rn 
m r. 
° 
rr./ 
rn/= 
rn/c 
rn/ 
rr,/ 
m/c 
BRIUM 
R(»T<»R 
INLET 
J 1 B6M4 
59 (~U47 
3 ^ 61J5 
2^6 7A7n 
17S21 
^ 3F7 
479 U2 
jnO&101 
0751F4-< 
1 24.946 
0b3°4CH 
3 3 ^ 
59 bF47 
J3n 7676 
.3F 4 " " 
164 8^ 
5b7 7 4 % 
4HUTH6 
^25 14o 
0 7J64f r 
1 . 6 4 0 1 r 
Clr-3F40-. 
OUTLET 
K97C 
19761^ 
if] 7 17 
JU1 U85 
JJO 49 JA 
1-m^F 
1U8 Ib1^ 
30E6r^1 
0 7 \ S 
0b511F4 
Fl612 r16 
4J=1? 
7 1 % 
OD6 70H7 
"01 08 c 
1^1 .674 
Fl6^4 
1 . ° J 
.H550u 
0 7*6014 
n 6 6 ^ ^ 
0E1J-16 
Although most of the design guidelines were satisfied, the flow coefficient was 
0 952, which differed by 5% from the set guideline of 0 9 
2.5. 1D CONCLUSSION 
This counter-rotating compressor satisfied all but two of the design guidelines 
One was the relative tip Mach number of the first stage rotor Its value was 1 72, which 
was 2% higher than the limitation The consequences of high relative Mach numbers are 
directly related to shock losses but the one dimensional analysis does not directly 
evaluate these kinds of losses or flow behavior within the cascade As a result, for the 
time being, it was left at 1 72 with the intension to further investigate it using 3D CFD 
The second unmet guideline was the flow coefficient of the third stage The value was 
0 95 and it differed from the established guideline by 5% In this case it was known that 
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the consequences of a high flow coefficient like this one would not result in the failure of 
the design and consequently it was left unchanged. 
The H/T ratios increased along the compressor. Beginning with a value of 0.52 on 
the IGV and worked their way up to a value of 0.95 for the third stage stator. They were 
all in excess of 0.5 which satisfied the design guideline set to prevent excessive stress and 
vibration problems. If low H/T ratios are employed, the flow will greatly vary from hub 
to tip, which will make the one dimensional assumption invalid. In the case of the IGV, 
this was not a concern since the incoming flow was perfectly axial by definition. But it 
was a concern for the first stage rotor. The low ratio found was a sign of the potential for 
significant three dimensional effects. This would have been enough of a reason to discard 
the results obtained by the "quasi one dimensional analysis" But since the design was to 
be refined using a through flow code and then a three dimensional code, it was decided 
that the possibility of three dimensional effects would be better investigated later on. 
The calculated 15.6:1 pressure ratio was obtained while operating within the 
guidelines. Although it fell short of the desired 21:1 pressure ratio, its performance still 
exceeded that found in co-rotating three stage axial compressors whose pressure ratios 
cap at 6:1. To reach the 21:1 pressure ratio, the diffusion factor criteria would have to be 
neglected. Most experienced designers would question such action since diffusion factor 
has been shown to be a good indication for successful designs. 
The compressor pressure and temperature along the aerodynamic stations were 
plotted. The variation shown in Figure 16 and Figure 17 suggested that the progress of 
such thermodynamic variables followed standard trends. The enthalpy variation was also 
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plotted versus entropy in Figure 18 and it also followed typical trends found in axial 
compressors . 
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Figure 16: Pressure variation 
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Figure 17: Temperature variation 
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Figure 18: Enthalpy versus Entropy 
To understand the importance of counter-rotation an exercise to determine the 
contribution of counter-rotation was conducted by first computing the work of each stage 
using Eulers' Turbo Machinery equation shown in Equation 11. For a point of contrast 
the values obtained from the calculations are shown in Table 12, as AhQ. Then it was 
assumed, that the best stage work a co-rotating compressor would ever obtain would be if 
the incoming flow to every rotor was perfectly axial. Consequently, the stage work was 
calculated based on an axial incoming flow and the results are shown in Table 12 as 
Ah f. The difference between the two values was also calculated and the results 
suggested that counter-rotation would increase the stage work capacity. 
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Table 12: Stage Work 
-ho 
_h0 
"..difference 
Stage 1 
123243 
107859 
125 
Sto<je 2 
164893 
151794 
79 
Sto<je 3 
115492 
61884 
46 4 
In view of the fact that the one dimensional analysis created a compressor that 
mostly satisfied the design guidelines and that suggested improvements on the 
performance, the next step was to refine the compressor using a through flow analysis 
code [2]. 
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3. AXI-SYMMETRIC FLOW ANALYSIS 
3.1. T-AXI 
Figure 19: T-AXI Image of Counter-rotating Compressor 
The quasi one-dimensional analysis completed the preliminary design of the 
counter-rotating compressor and thus, it was now time to refine the compressor by 
employing more realistic flow models. Three dimensional software programs based on 
the Navier-Stokes equations would provide the most accurate flow representation but 
since the one dimensional analysis varied so much from the real flow, the likelihood of 
successfully transitioning directly from 1D to 3D was not very good. As a result and in an 
attempt to bridge the gap between the one dimensional and three dimensional flow 
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models, an intermediate analysis was performed using an axi-symmetric flow solver (T-
AXI). 
Many different axi-symmetric flow solver packages are available but T-AXI was 
determined to be the most appropriate for this particular case. Not only was the code 
validated against a single stage compressor, ten stage core compressor and a five stage 
low pressure turbine (Turner et all [12]) but it was also simple to use. One key aspect that 
designers took into consideration when selecting T-AXI was its ability to handle 
supersonic flows. However, the range was limited to Mach numbers below 1.5 which fell 
short of the quasi two-dimensional prediction. While flow speeds in the first stage rotor 
tip were calculated to exceed 1.5, the rest of the compressor operation was projected to be 
well within limitations. As a result T-AXI was still a viable option. 
T-AXI assumes the working fluid to be inviscid. The viscous forces in the Navier-
Stokes equations can be neglected due to the fact that they are significantly smaller than 
the inertia forces. Consequently, the flow is modeled using the simpler derivation of the 
Navier-Stokes equations known as Euler's equations. In locations where viscous forces 
are large, such as near the wall or within turbulent regions, this approximation is invalid 
but for the most part, a more reasonable approximation of the solution can be acquired. 
At the trailing edge of each blade, T-AXI allows the user to define the angular 
momentum distribution throughout the different span locations. The loss models are also 
applied at each span location in addition to being smeared downstream of the trailing 
edge. The streamwise momentum equation 
Equation 17: Streamwise Momentum Equation 
dP + pqdq + ^1
 d{rVu)-Vudr + pd(As)-pd(AhJ = 0 
and the energy equation 
Equation 18: Energy Equation 
H = h + -q2+AHw+AHQ 
are combined to give the Entropy advection equation 
Equation 19: Entropy Advection Equation 
-pds + pd(As) + pd(AHQ) = 0 
which is then hard coded into T-AXI along with the mass conservation. 
Equation 20: Mass Conservation 
dm+ d Am/ 0 
Along the compressor, the area available to the flow reduces due to the metal 
blockage, boundary layer, tip clearance flow and non-uniformities on the flow. To 
account for the change in the cross-sectional area a blockage factor is inserted. The 
blockage is represented as 8 and it is used to calculate the area multiplier A 
Equation 21: Area Multiplier 
2nr 
A is then used in the meridional flow equation to multiply the total area 
Equation 22: Meridional Flow Equation 
m 
pAA 
The specific combination of the above equations used by T-AXI results in two 
unknowns: the density change and the streamline position. The solutions to the non-linear 
system are found using a global Newton method while the development of the boundary 
layer is found by combining the two-equation integral boundary formulation with the 
above mentioned inviscid equations. 
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Another aspect of T-AXI that takes these solutions farther away from the one 
dimensional analysis and closer to the three dimensional model is the treatment of the 
losses. The impact that losses have on the design are numerically represented by an 
entropy change which is calculated based on the type of loss. T-AXI identifies five 
different types of losses for axial flow compressors: diffusion losses, shock losses, 
clearance losses, end-wall losses and span-wise mixing losses. 
3.2. INPUT FILES 
Two input files were required by T-AXI. The first one was the "walls" file which 
consisted of nothing more than the annulus profile. To create the data points, the radial 
and axial locations of the annulus were taken and non-dimensionalized with respect to the 
first rotor radial location. The non dimensional values were then arranged according to 
the format required by T-AXI. 
The second input file was called "stack". This file contained all the flow and 
blade information required by T-AXI and it is shown in the figure below. Classified in 
red are the different blade data sections. 
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T-C_DES output, three_stage_counter 
The overall information for ear h blade row is 
Number_of_blades rotation_speed Hub_clTip_cl 
Geometry, loss, blockage and angular momentum are input starting at the hub 
r_le r_te x_le x j e Loss Btk rVjheta 
137836 520 965 0 1.035327 4.40E+06 1 1 
Above are gam, TT_m(deg R), type(0-tomp, 1-turb), ma, Re, BL switch £ vise flag 
39 0 0 0 
0 475621 0 488476 0 024894 0 2045 0 0 -0 08614 
0 872355 0 872896 0 02886 0 209291 0 0 -0 08614 
1004295 1001036 0 018637 0 210888 0 0 -0 08614 
999 
15 1 123189 0 00015 
0 500612 0 741974 0 262383 0 793658 0 0 0 570332 
0 875152 0 927586 0 267057 0 788826 0 0 0 570332 
0 999999 0 989456 0 268614 0 787215 0 0 0 570332 
999 
41 0 0 0015 0 
0867154 0877382 081759 1077271 0 0 0076218 
0928111 0929963 0815341 1078382 0 0 0076218 
0 988928 0 982545 0 810641 1079493 0 0 0 076218 
999 
26 -1 37846 0 00015 
0 879078 0 8977 110697 132651 0 0 -0 61828 
0 930451 0 936955 1107667 1325563 0 0 -0 61828 
0981824 097621 1108364 1324616 0 0 -061828 
999 
51 0 0 0015 0 
0 899242 0 909657 1 344866 1 459816 0 0 -0 32098 
0 937576 0 941068 1.343131 1460291 0 0 -0 32098 
0 975802 0 972478 1339781 1460767 0 0 -0 32098 
999 
88 1 123189 0 0 0015 
0 910664 0 917013 1472034 1558831 0 0 0 397012 
0 941401 0 943369 1472472 1558342 0 0 0 397012 
0 972138 0 969725 1472909 1557852 0 0 0 397012 
999 
61 0 00015 0 
0 917828 0 920664 1574056 163003 0 0 0 072743 
0 943601 0 944134 1573218 1630434 0 0 0 072743 
0 969331 0 967604 1571504 1630838 0 0 0 072743 
IGV 
ROTOR 1 
STATOR 1 
ROTOR 2 
STATOR2 
ROTOR 3 
STATOR 3 
Figure 20: Stack Input File 
The top part of the input file provides a brief explanation of the first row input 
values which are expanded in the following figure. 
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1 37836 520 965 
A A 
1 035327 4 40E + 06 1 
-» Specific Heat Ratio 
-» R1 Total Inlet Temperature 
-+ Machine Type 
-# Mass Flow Rate 
- • Reynolds Number 
-* Boundary Layer Switch 
-» Viscous Flag 
1 
Figure 21: First Row of Stack File 
The total temperature is given in degrees Rankine and the mass flow rate is given 
in a non-dimensional form which is obtained from the following equation 
Equation 23: Non-dimensional Mass Flow Rate 
a Am I s)* m(kg I s)* m(multiplier) 
m = Po*r*r,\ 
The machine type uses a 0 value for a compressor and a value of 1 for turbines. 
This selection determines the type of loss model to be implemented. 
In the next figure, the first rotor section of the stack file is shown. Superimposed 
in red are definitions corresponding to each group of values. 
4^ 
• Number of Blades 
Rotational Speed 
-* Hub Clearance 
-* Tip Clearance 
15 1.123189 0.0015 
10.500612: 
•0.875152! 
0.999999: 
0.741974! 
0.927586: 
0.989456; 
0.262383 
0.267057; 
0268614 
! 67936581 
|0 788826i 
:0.787215: 
0 
0 
0 
! 0:0.570332 
!0;lD.570332 
io:0.570332 
Angular 
Momentum 
Bleed Air 
Loss 
Axial TE 
Axial LE 
Radial TE 
Radial LE 
Figure 22: Stack Blade Row Data 
Values like those representing geometrie locations are non-dimensionalized using 
the first stage rotor tip radial value. On the other hand, the non-dimensionalization of the 
rotational speed and the angular momentum is not as intuitive: the equations used are 
shown below 
Equation 24: Non-dimensional Blade Velocity 
fi*/-
non dimensional 
Equation 25: Non-dimensional Angular Momentum 
rV 
rV ii non dimensional 
c / o '/I 
The dashed cells enclose the group of values corresponding to the axial and radial 
non-dimensional values of the blade leading and trailing edge at three different span 
locations: hub, mid and tip 
The above described files were obtained after the three dimensional analysis was 
executed. The original input file that was used during the first CFD run differ from this 
one on the blade count, angular momentum distribution and wheel speeds. 
3.3. ITERATIONS AND RESULTS 
Once the input files were generated, running T-AXI was relatively simple and 
fast. This gave the designer the ability to perform large numbers of iterations in short 
time periods. The factors modified between runs depended on the information gathered 
by the results. The diffusion factors and the solidities of the rotor blades were higher than 
predicted and as a result the number of blades and the angular momentum distributions 
significantly differ from those found in the one and quasi two-dimensional analyses. 
Modifications were also made to the mass flow rate, which was reduced to 27kg/s from 
the original 30kg/s. The combined effects of all the changes ensured compressor 
convergence and operation within the previously set guidelines but it also resulted in a 
stage pressure ratio loss. 
The results file provided flow, blade and overall blade row performance 
information. Table 13 shows the flow information provided for each one of the 19 
streamlines at the blade inlet and exit. 
Table 13: Streamline Flow Conditions at Blade Inlet and Exit 
VARIABLE 
J 
X m 
R m 
Pt/PtO 
TbTlO 
PsJPtO 
Ts.TtO 
DEFINITION 
b> r ta~ ire N_mte' 
Axisl Locator 
Racia Location 
~ota Pressure 
"ota "ernoe^t-re 
Stale ^rossu-e 
State Temr>e'a<L.re 
VARIABLE 
MabB 
Mrol 
Alfa 
Beta 
P h . 
Vx/U 
Mfrac 
DEFINITION 
Atsa jte r.'ac1- K jmoe r 
Ke ati.e Va_- Nu~t>_'-
Ah so jte F O A Angle 
Re ati.e ~ OA Angle 
Loac Soett ; e - t 
Fo/. Coett :e * t 
F'actora Vac\- Njmoe r 
The next set of results provided information regarding the performance of the 
blade section corresponding to each streamline. The Diffusion Factor shown below was 
closely monitored throughout the axi-symmetric design process. 
Table 14: Streamline Airfoil Section Performance 
VARIABLE 
J 
Prr 
PF 
TR 
Eff 
DEFINITION 
^tr-dmlm- 1 lumber 
Rddidl Lnrdti n 
Fr*-^ nr^ Fdti > 
Ternr nature Fdtc 
Effi IHR v 
VARIABLE 
JH.I l _ 
» CF 
L'Fd 
F^ ,«») 
FTI -
DEFINITION 
W«irt* .uMffi. ^nt 
Rnd« tion 
C'lltusi «n Fd t -r 
NumbH 
T. tdl Fn-s^ur^L. c" 
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The mass average performance values corresponded to conditions found along 
entire span and the specific variables used are shown in Table 15 along with a brief 
definition. Table 16 also represents variables given in the T-AXI output that 
corresponded to the physical characteristics of each blade. 
Table 15: Mass Average Performance 
VARIABLE 
FF 
TF 
L..eq<~ .-ft 
Etfndidti 
DEFINITION 
Prvsoun- Fdtir 
Ti-rnp'-rdtuiH Fdtu> 
L. s- C Mffi i-nt 
A.Jidhdti- Etti« inn. » 
VARIABLE 
Eft(| -IVj 
JH,U _ 
-" 
DEFINITION 
F jlyti |'i Effn iP-rn / 
\n ,ru C Mffhi^nt 
Fl ><vC •—ffi• i—nt 
Table 16: Blade Row Characteristics 
VARIABLE 
O-'Oga 
' pC esr.'R 
h joC ea- R 
AR 
A R * 
DEFINITION 
ArgJa r Velocity 
* p C eara^ce Ratio 
h-j j Clearance Rat o 
Aspect Ralo 
Axial Aspect Ratio 
VARIABLE 
Blade Court 
Avg Chore 
Avg Axial Cbo-d 
Avg Spa-
Avg So ic ty 
DEFINITION 
Kj -De r o^  B-aces 
Average Chore 
Average Axial Chcd 
Ave'age Spa" 
Average SohCrty 
The information given in the tables was used to study the operation of each blade 
row. At the same time it was used to verify that all flow and blade characteristics were 
satisfactory before moving to the next step of the design. A collection of the most 
important final parameters are shown in the following three tables. The tabulated values 
correspond to the compressor design that was obtained before any modifications were 
made from CFD results. 
OVER-ALL PERFORMANCE 
POL ".TROPIC EFFICIENCY 
ADIABATIC EFFICIENCY 
PRESSURE RATIO 
86% 
s:% 
o 1 
Figure 23: Over-all Axi-symmetric Results 
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ROTOR BLADES 
Pressure Ratio 
Polytropic Efficiency 
Adiabatic Efficiency 
Flow Coefficient 
Work Coefficient 
Inlet Relative Mach Number 
Inlet Relative Flow Angle f ) 
Diffusion Factor 
Solidity 
Aspect Ratio 
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Figure 24: T-AXI Rotor Blade Results 
STATOR BLADES 
Inlet Absolute Mach number 
Inlet Absolute Flow Angle(r) 
Diffusion Factor 
Total Pressure Loss 
Solidity 
Aspect Ratio 
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Figure 25: T-AXI Stator Blade Results 
After the compressor performance met the designer's criteria the data necessary to 
start the three dimensional analysis was collected The specific parameters are listed m 
the table below 
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Table 17: Necessary Information for Three Dimensional Process 
Relative Inlet and Outlet Flow Angles at the Hub Mid and Tip of every Rotor Blade 
Absolute Inlet and Outlet Flow Angles at the Hub Mid and Tip of every Blade 
For each blade leading and trailing radial and axial locations 
Static Temperature at the Inlet and Exit of every Blade 
Absolute Mach Number at the Inlet of every Blade 
Static Pressure at the Exit of every Blade 
Number of Blades for every Blade Row 
Mass Flow Rate 
3.4. CONCLUSION 
The axi-symmetnc solution reveals an overall pressure ratio of 8 1 in three stages 
The prediction fell short of meeting the quasi two-dimensional pressure ratio of 15 6 1 
However it was well beyond the maximum pressure ratio obtainable through standard co-
rotating compressor sections 
The decrease in over-all pressure ratio and efficiency could be attributed to the 
fact that unlike before, tip clearance losses were inserted and a more conservative and 
direct method for estimating shock losses was employed In any case, the calculated 
pressure ratio was lower than originally estimated for every individual rotor and as a 
result for the entire compressor 
Evidence of the high rotor loadings was found in the pressure ratio and the high 
stage loading coefficient. High solidities were also found in all rotor blades, which were 
necessary to keep the Diffusion Factors within range. The efficiencies were all acceptable 
and out of the three rotors the second stage rotor blade had the lowest. This was expected 
because the second stage rotor was the most highly loaded blade. 
The results for the stator blades did not reveal any major flaws. The operation was 
in the subsonic range and the total pressure losses were kept to a minimum. The solidities 
were kept on the high end to keep the Diffusion Factors low 
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4. THREE DIMENSIONAL ANALYSIS 
4.1. INTRO 
Figure 26: Three Dimensional Flow Field. Courtesy of ANSYS 
Theoretically speaking, the validity of a concept like counter-rotation could not be 
properly evaluated without three dimensional flow analysis. Earlier, it was mentioned 
that fluid motion in a compressor is governed by the Navier-Stokes equations. In general, 
second order partial differential equations, like the Navier-Stokes, do not have an 
analytical solution method and consequently the solutions are usually approximated using 
numerical techniques. Software programs like CFX provide the opportunity to create 
realistic flow models based on numerical techniques, such as the finite volume method, 
within reasonable time frames. 
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The intention of the designer was to start by conducting an analysis of each blade, 
then improve the solution by modifying the boundary conditions leading to an analysis of 
all four blades simultaneously. The main software program used was CFX. It required 
input from the designer in BladeGen, TurboGrid and CFX-Pre to create the blade, mesh 
and boundary conditions, respectively. Based on the operation of the software a step by 
step process was created which is shown in Figure 27. 
INDIVIDUAL BLADE 
Make Change? 
Through flow \-*\ BladeGen \-*\ TurboGrid \-*\ CFX-Pre [-*\ CFX-Solver L-J CFX-Post Approved? 
Create the inflow Boundary Condition Files 
INDIVIDUAL BLADE WITH 3D BOUNDARY CONDITION 
Make Changes 
CFX-Pre — • CFX-Solver CFX-Post Approved? 
yes 
MULTIPLE BLADES 
Make Change; 
TurboGrid r-J CFX-Pre r-J CFX-Solver \-*\ CFX-Post L-J Approved? 
Figure 27: 3D Process 
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The first blade analysis started with the through flow results given by Cassano[2]. 
The analysis outlined in Figure 27 was then carried out. Before a blade could move on to 
the next refinement process (individual blade with 3D boundary conditions) the 
performance and operation were inspected. If the blade performance was below 
expectations or if the blade design proved to be invalid, the design was rejected and 
alterations were made. The modifications could be as simple as a change in the blade 
count or as complicated as a change in the stage work distribution. In any case, the 
changes were made at the beginning of the individual blade analysis and the process was 
completed once again. For those blades whose design was approved, the blade exit 
boundary conditions were taken to create input boundary conditions that would later be 
used for the downstream blades. Doing so, allowed the designers to refine the design by 
using more realistic flow conditions. 
The first iteration of the "individual blade with 3D boundary conditions" would 
begin with CFX-Pre. At the end of the analysis, the results were inspected to evaluate the 
validity of the design. If the design was invalid, any modifications deemed necessary 
would be done at the beginning of the "individual blade analysis'' and the iterative 
process would continue until the refined blade designs yielded good results. In this case, 
none of the results found were ever dependable, thus the designer was not able to take the 
investigation to the next level of refinement. Had that not been the case, an iterative 
process similar to the one found in "individual blade with 3D boundary conditions" 
would have been followed but this time around, multiple blades would have been 
simultaneously analyzed. 
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The next few sections take the different components of CFX and explain the most 
important parts. 
4.2. BLADEGEN 
BladeGen was used to create the compressor blades. The construction of the 
blades was initially based on the through flow results obtained by Cassano[2] and then 
improved based on the three dimensional analysis results. 
One of the most important steps focused on the physical location of the blade. The 
objective was to define the geometric position of the blade by specifying the radial and 
axial location of the tip and hub of the blade leading and trailing edges as shown in 
Figure 28. 
/ll I ^ — • M M W ^ M M g f c . , i M „ , — • • • • I — — • • • • • 
Figure 28: Geometric Blade Input 
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To obtain the specific numerical values, the non dimensional coordinates given by 
Cassano[2] were dimensionalized multiplying them by 329.93mm which was the value of 
the first stage leading edge rotor tip. A sample calculation is shown in Equation 26 
Equation 26: Sample Dimensionalization 
r\h - r\h(non dimensional) * rUvef 
r1/7 =0.781*329.93^/7? 
rxh = 251.16mm 
The specific values for all four blade corners are listed in Table 18. 
Table 18: Geometric Blade Locations (mm) 
ROTOR 2 
STATOR 2 
ROTOR 3 
STATOR 3 
LEADING EDGE 
HUB 
i 
257 76 
273 84 
282 09 
288 36 
X 
363 8 
443 1 
485 33 
518 98 
TIP 
i 
321 35 
318 38 
318 05 
316 4 
X 
365 56 
442 44 
485 99 
518 65 
TRAILING EDGE 
HUB 
r 
273 28 
281 43 
287 7 
290 01 
X 
437 93 
481 37 
514 69 
537 46 
TIP 
i 
318 38 
318 05 
316 4 
316 07 
X 
437 16 
482 03 
514 03 
538 12 
The flow angles at the inlet and exit of the blades were necessary to create the 
appropriate blades for each compressor stage. Within BladeGen, at the bottom left corner 
of the screen shown in Figure 29, the flow inlet and outlet angles were input at three 
locations: 0% span, 50% span and 100% span. The rotor blades used the relative flow 
angles and the stator blades used the absolute angles. The initial values were taken from 
Cassano[2] but it was later found, through the iterative process, that off-setting some inlet 
angles of the rotor blades by one degree helped with the blade performance. This was 
attributed to the fact that while Cassano's[2] results provided flow angles, BladeGen 
required the physical angle of the blade. The final angles used for all four blade hub, mid 
and tip are shown in Table 19. 
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Figure 29: Flow Angle Insertion 
Table 19: Inlet and Exit Flow Angles (°) 
HUB 
MID 
TIP 
LE 
TE 
LE 
TE 
LE 
TE 
ROTOR 2 
63 35 
39 003 
63 879 
46 169 
66 172 
53 261 
STATOR 2 
-56 432 
-34 885 
-53 805 
-32 562 
-50 568 
-29 769 
ROTOR 3 
-66 794 
-48 123 
-66.131 
-50 869 
-66 224 
-52 881 
STATOR 3 
46 681 
9 133 
45 035 
9 063 
42 218 
8 516 
BladeGen also provided the designer the option to select the different airfoil 
thicknesses as well as the shape of the different airfoil sections. The t/c ratio was selected 
at the bottom of Figure 30. For all the blades, the t/c ratio decreased along the radii and 
overall the rotor blades were thinner than the stator blades due to their supersonic design. 
Since the software package did not provide the option to create airfoil sections using 
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double circular arcs, symmetric NACA airfoils were employed. Attempts were also made 
to manually create the best possible airfoils based on the pressure patterns however, 
convergence using this method proved to be unattainable. 
tmm\ ^^^Uta>-xam-.\$t»(*.M^WWMa...l^»HSrSWa»mA | JJMgwoHfail-M*. | q»MBWO»U 0 | p«HSWCMHi>Uu. | | f <Tfr»» || « bmmt_n*+»- - M S * 
Figure 30: t/c screen 
Another important input was the number of blades found within the cascade. The 
initial numbers were based on Cassanos'[2] through flow results but as part of the 
iterative process some of these values were altered to obtain better performance and 
convergence. The final blade counts are listed in Table 20. 
NX 
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Figure 31: Blade Count Insertion 
Table 20: Final Blade Count 
| NoB 
ROTOR 2 
40 
STATOR 2 
51 
ROTOR 3 
78 
STATOR 3 
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BladeGen provided the option to select the blade stacking method. Ideally, the 
rotor blades would have been stacked with respect to the centroid to avoid mechanical 
difficulties while the stator blades would have been stacked with respect to the mid-
throat. BladeGen did not provide the option of mid-throat stacking. As a result all blades 
were stacked with respect to the centroid by clicking on the window show in Figure 32. 
63 
*—«l * < — M » . « — | #*a*u»(i) **+> | A«wswwwtt««h | j)wcn>K«ita») t^ [ «> wgvs on. i u |<a«gwg>-nou. \0<r*», ||V <•*•*< M - inw. 
Figure 32: Blade Stacking 
4.3. TURBOGRID 
TurboGrid was used to create a mesh around the blade. The software first created 
a block structure where a regular pattern of hexahedral elements were to be positioned. 
TurboGrid allowed the user to investigate and modify the regular hexahedral elements 
before creating the three dimensional mesh. This process was simpler than having to 
inspect the entire three dimensional mesh but still effective because the quality of the 
mesh is directly dependent on the quality of the regular pattern hexahedral elements. 
Choosing the grid type was one of the most important selections. Shown in Figure 
33 is the grid type chosen for all four blades. The H/J/C/L-grid was deemed appropriate 
because it automatically assigned the most suitable grid types for the different blade 
sections. An O-grid was also included to help with the boundary layer resolution. The 
thickness of the grid was set to 50% of the blade average thickness. 
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Figure 33: Grid and Width Selection 
The node count determined the number of mesh elements. The number was set to 
250000, as shown in Figure 34, to create a mesh that would have good qualities but 
would not require excessive processing time. 
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Figure 34: Mesh Size 
The three dimensional mesh was created at the very end of TurboGrid but the quality 
could be inspected earlier by clicking the "Mesh Measure" option shown in Figure 35. 
The highlighted areas were indicative of problematic meshes that failed to meet the 
minimum criterion. 
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Figure 35: Mesh Measurements 
Before proceeding with the three dimensional mesh generation, the problematic areas 
had to be manually corrected. To satisfy the default limits of the mesh, sound engineering 
judgment was required. Although it was not always the case, it seemed that most 
problems were found around the airfoil leading and trailing edges where the grid lines 
were skewed. To modify the errors, the master control points shown in Figure 36, were 
grabbed and through a series of educated guesses moved until the limitations were 
satisfied. Once the layers were corrected the three dimensional mesh was generated. 
r T O O * * * * * , 
* * « M ~ . | v * . 
•1 
>»J 
v f . 
• 
J J_D- = *J 
-
A 
IA.O S»Tt)u*MaSTO' KHHT M m * | 
Figure 36: Grid Modification 
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4.4. CFX-Pre 
ANSYS CFX-Pre was used to combine the mesh generated in TurboGrid with the 
physical conditions of the model. This section was the most critical of the three 
dimensional analysis because the validity of the results relied heavily on the accuracy of 
the physical definition. 
CFX-Pre provided the ability to model a large number of working flows. During 
the beginning it was important to accurately define the machine and the section of the 
machine to be modeled. In this case, the machine was a turbofan engine, which fell under 
"Turbomachinery" while the section was an "axial compressor". At this time, it was also 
important to distinguish between the rotational and stationary components when loading 
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the mesh. In addition to the mesh file, the rotational components required the input of the 
wheel velocity. 
The physics definition window, shown in Figure 37, was used to define the fluid 
properties and the boundary conditions. The fluid modeled was chosen as "Air Ideal 
Gas", because the working fluid was air and because the Mach number was larger than 
0.3. The "Total Energy" option was chosen for the heat transfer model. This model 
includes among other things the kinetic energy effects which can be significant especially 
within the boundary layer. "K-Epsilon" was the selected turbulence model. This method 
of modeling combines the kinetic energy and the eddy dissipation turbulence effects. For 
the boundary templates, the mass flow rate and the static pressure at the exit of the blade 
were inserted. The values corresponding to the exit static pressure were taken from 
Cassano's[2] through flow results and dimensionalized with respect to the inlet total 
pressure as shown in Equation 27. 
Equation 27: Outlet Static Pressure Dimensionalization 
PS3 = PS3(non dimensional)*P0reJ 
PS3= 4.243* 588 \2.60Pa 
PS3 = 249542Ptf 
The static pressures were modified through the iterative process and the final 
numerical values are shown in Table 21. The velocity profile option given in the figure 
below only allowed for constant profiles. As a result, the inflow velocity was entered 
later on in CFX-Pre. 
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Figure 37: Physics Definition 
Table 21: Outlet Static Pressure 
| Ps.out(Pa) 
ROTOR 2 
235000 
STATOR2 
250000 
ROTOR 3 
500000 
STATOR 3 
480000 
Initially, the inlet velocity profiles were created based on the through flow results 
obtained by Cassano[2]. The process used to obtain the non dimensional axial and 
tangential velocity equations is shown in Figure 38. It started by taking the static 
temperature, absolute Mach number and absolute flow angles to calculate the tangential 
and axial velocities for every streamline. These velocity components were then non-
dimensionalized with respect to the maximum absolute velocity value. The non-
dimensional values were later plotted against the radial location and a second order 
polynomial distribution was used to approximate the plots. The final equations used at the 
inlet of each blade row are shown Table 22. 
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Figure 38: Non Dimensional Velocity Distribution 
Table 22: Non Dimensional Velocity Distributions 
ROTOR 2 
STATOR 2 
ROTOR3 
STATOR3 
Axial 
Tangential 
Axial 
Tangential 
Axial 
Tangential 
Axial 
Tangential 
-20.639* r2(m-2) + 13.594*r(m-1)-1.2435 
1.6791 *r2(wf2) -1.45058* r(m~l) + 0.4164 
-8.367*r2(wi-2) + 5.7487*r(m-1)-0.3934 
-9.2528* r2(m"2) +8.0888* r(m~1)- 2.3538 
-53.005* r2(m"2) + 33.947* r(m"1)-4.5644 
-7.2989 *r2(/iT2) +6.094 *r( / iT l ) - l . 6951 
18.475* r2(rn2)- 9.6436* r(w_ ,) + 1.9316 
6.8346* r2 (m~2)- 6.4267* r(m_1) + 2.0119 
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Figure 39: Inlet Flow Distribution 
In order to generate more realistic inlet conditions, two different input files were 
created. The first one used the outlet velocity profile from the previous blade and the 
second one used the outlet pressure distribution. The velocity files, contained all three 
dimensional absolute and relative velocity components at different radial and axial 
locations along the blade trailing edge region while the pressure files, contained the static 
and absolute pressure distributions of the same region. This inlet boundary condition files 
were created based on the flow at the trailing edge of one blade, but they were used to 
define the inlet flow of the upstream blade. Neither one of these methods worked. The 
first one failed to converge while the second one required a mass flow rate of 4000 kg/s 
for convergence. As a result, the more general velocity definitions were used throughout 
the entire analysis. 
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The final step was to establish the convergence criterion to be followed by CFX-
Solver. The normalized RMS residual was selected and the target value was set to 
0.0003.The target value was determined to be acceptable. 
4.5. CFX-Solver 
The CFX-Solver employed the Navier-Stokes equations in their conservation 
form along with the ideal gas equation and the k-epsilon turbulence model. During the 
computational process, the user could follow the trends of the residual rates as shown in 
Figure 40, to estimate whether or not the solution was going to converge. 
Figure 40: Solver Window 
4.6. CFX-Post 
CFX-Post read the results obtained by CFX-solver and posted them in graphical 
and numerical form. The results posted for the unconverged runs did not provide any 
insight with respect to the blade operation but the results for the converged runs proved to 
be invaluable for the improvement of the compressor. 
All blade sections, rotors and stators, played an important role in the compressor 
performance but the operation of the rotors was far more critical than the stators. Thus, 
while all the results are shown in the attached CD, only the rotor results will be 
overviewed in this section. 
The rotor performance tables are shown in Table 23. It was evident that the 
second stage rotor performance was better than the third stage rotor performance. The 
efficiencies and pressure ratio were higher while the flow coefficients were lower for the 
second stage rotor. 
Table 23: Rotor Performance Tables 
Rotat ion Speed 
Moss fU>\ Rote 
In le t Vo lume Flow Rote 
I n p u t fciw^i 
| Refe i^n ' «-• Radius 
I I n l e t Row coef f ic ient 
I Exit Flow Coeff icient 
[ Woik I n p u t Coeff icient 
| Reaction 
1 Total P i^ssuie Ratio 
Total T«-»mperatui*> Ratio 
Total I s e n t i u p k Efficiency °o 
| Total Polyboph Efficiency % 
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The blade loading graphs shown in Figure 41 were compared to successful 
supersonic rotor blade loadings. The red dotted lines on the figure depicted the general 
loading trends exhibited by modern supersonic airfoils operating at very large inlet Mach 
number. It was the intention of the designer to match the contour of the graphs as close as 
possible to the ones found on historical supersonic blades. Consequently, it was necessary 
to generate contours where pressure lines did not cross each other and where loading 
distributions were reasonable. 
The graphs corresponding to the rotor blades were used to locate the shocks and 
to later modify the blades accordingly. Large pressure gradients like the ones shown at 
30% axial chord on the left side of Figure 41 and at 25% axial chord on the right side of 
Figure 41 were indications of large pressure gains caused by shocks. Overall the pressure 
graphs corresponding to the third stage rotor had better loading distributions than those 
for the second stage rotor. Evidence of the questionable loading distribution was found on 
the second stage rotor graph in Figure 41 were the blade loading was negligible up to 
15% of the axial chord location. 
Attempts were made to modify the airfoil shape to create more balanced loading 
distributions and to decrease the impact of the shocks. All the different shapes proved to 
be ineffective, largely because the supersonic airfoils were thin, making even the smallest 
of the modifications catastrophic. 
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Figure 41: Rotor Loading Graphs at 50% Span 
At the trailing edge of every airfoil (rotor or stator) an irregular pattern was 
observed. The irregular pattern is circled in Figure 41. Although it is not always the case, 
this kind of behavior is usually found at the trailing edge of airfoils when the flow is 
force to meet the Kuttta condition. 
The rest of the axial chord charts provided more evidence of the presence of a 
shock between 5% and 25% of the axial chord location on both rotor blades. In the case 
of the pressure plots in Figure 42, the second stage rotor showed a large pressure increase 
around 15% and 35% of the axial chord. The same figure showed a pressure gain around 
the same area for the third stage rotor. The pressure gain sections circled in Figure 42 
revealed that the increase in pressure was larger for the third stage rotor than for the 
second stage rotor. 
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Figure 42: Streamwise Rotor Pressure Plots 
Another set of axial chord plots that were used to locate the shocks are shown in 
Figure 43. Observations made for the temperature progression were similar to those made 
for the pressure. Large increases were found between 10% and 35% of the axial chord 
location but in this case, the magnitude was similar for both rotors. 
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Figure 43: Streamwise Rotor Temperature Plots 
The next of the axial chord graphs plotted the relative and absolute Mach number 
distributions along the axial chord. Initially, looking at the graphs in Figure 44, it 
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appeared that the second stage rotor shock was more violent. Upon closer inspection, it 
was determined that the third stage rotor shock reduced the relative Mach number faster 
than the second stage rotor. 
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Figure 44: Streamwise Rotor Mach Number Plots 
The last of the axial chord plots were used to monitor the entropy progression. 
Just like with most of the axial chord plots, although not as evident, large entropy 
increases surrounded the shock regions which are circled in Figure 45. 
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Figure 45: Streamwise Rotor Entropy Plots 
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The axial chord plots for the relative Mach number at the blade leading and 
trailing edges along with the absolute Mach number plots at the blade trailing edge are 
shown in Figure 46, Figure 47 , and Figure 48. The relative Mach number drop at the tip 
was more significant at the blade trailing edge than at the leading edge. Observations 
made on Figure 47 and Figure 48 suggested that a portion of the relative Mach number 
loss was picked up by an increase in absolute Mach number for the blade trailing edge tip 
section. The Mach number changes were more significant for the second stage rotor tip 
than for the third stage rotor tip. 
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Figure 46: Spanwise Rotor Relative Mach Number Plot at Blade LE 
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Figure 47: Spanwise Rotor Relative Mach Number Plot at Balde TE 
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Figure 48: Spanwise Rotor Absolute Mach Number Plot at Blade TE 
The contour plots were especially useful when analyzing the boundary layer and 
the wake distribution along the airfoil sections. The progression along the span and the 
progression within the cascade channel were examined. 
The boundary layer, in the relative Mach number contours of Figure 49, was 
represented by the stagnant relative flow shown in blue. The thickness grew not only 
along the streamlines but also along the radii. Looking at the blue lines in Figure 50, it 
was determined that the boundary layer started growing at around 30% chord and 
progressively increased its thickness throughout the rest of the airfoil. The growth rate 
was higher at higher span sections but the passage was never choked. Additional 
evidence of the boundary layer location and thickness was found in the entropy contours 
of Figure 50. In the entropy diagrams, the boundary layer was found in locations where 
large entropy gains were shown. In this case, the colors corresponding to the boundary 
layers were green and yellow. 
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Figure 49: Rotor 2 Relative Mach Number Contours at 50% and 80% Span 
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Figure 50: Rotor 2 Entropy Contours at 50% and 80% Span 
The difference in boundary layer thickness and location between the second and 
third stage rotors was especially visible on the relative Mach number contours at 80% 
span shown in Figure 51. The boundary layer started at around 50% of the chord for both 
rotors, but the second stage rotor boundary layer was substantially larger. An incorrect 
incidence angle or even an excessive area contraction may have caused the substantially 
larger boundary layer thickness on the second stage rotor. 
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Figure 51: Relative Mach Number Contours at 80% Span 
4.7. 3D CONCLUSION 
The software program ANSYS/CFX, has the ability to model a large variety of 
flows. While this may seem to be an asset it made its help manual too broad to help with 
many of the problems specific to this research. Attempts were made to get additional help 
from the ANSYS/CFX support center but for different reasons they all proved to be 
ineffective. 
The blades designed using BaldeGen had "good" pressure loadings but they were 
still inadequate for the purpose of this research. Although NACA airfoils have been 
widely used in the past they are not the best fit airfoils for supersonic applications. To 
create the correct airfoil sections for the supersonic rotors, double circular arc sections or 
even multiple arc sections should have been used. This method would allow for the 
correct placement of the shock resulting in the temperature rise reduction, spanwise 
mixing reductions and overall performance increase among other things. 
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The boundary conditions used were appropriate during the initial stages of the 
investigation. But ultimately, the designer's intention was to create more accurate 
boundary conditions based on three dimensional results obtained from the previous 
blades. This was never accomplished because every effort made failed to converge. 
Although no clear conclusion was ever drawn, it was theorized that the failure could be 
because there was too much swirl in the inlet flow that made the blade and flow 
incompatible, or because the size and/or location of the boundary region was inadequate. 
The attempts made to simulate multiple blades simultaneously also failed to 
converge. In this case, unlike in the case of the three dimensional boundary layer 
analysis, no conclusion was drawn with respect to the possible causes of simulation 
failures. As a result and for the time being, the designer was not able to take the three 
dimensional analysis to the desired level of precision and the research was concluded. 
Throughout the different iterations, the outlet static pressure, number of blades 
and the wheel speeds of the blades were modified. Wheel speed did not have a significant 
impact on convergence but the outlet static pressure and the number of blades did. 
Although one may think that lowering the outlet static pressure would help, that was not 
always the case. There was a range of static pressures for which convergence was 
possible. Anything above or below that range would fail. Changing the number of blades 
had a similar impact, but not as drastic. 
At the conclusion of the three dimensional analysis, the second stage rotor had a 
2.26 pressure ratio at an efficiency rate of 92% while the third stage rotor had a 1.60 
pressure ratio at an 86% efficiency. While these results suggest that better performance 
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could be obtained through counter rotation, they still don't provide the necessary detail to 
make a concrete evaluation. For that, future research should be conducted. 
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5. SUGGESTIONS FOR FUTURE RESEARCH 
The necessary evidence to prove or disprove the efficacy of counter-rotation 
would only be acquired by constructing a prototype and testing it. Although the efforts 
presented here provided a good foundation, there is much work that needs to be done 
before building a prototype. 
First the three dimensional analysis should be taken to the next level by 
regenerating the rotor blades using supersonic airfoils. The new supersonic rotor blades 
along with the subsonic stator blades should be individually modeled and refined using 
ANSYS/CFX or any other three dimensional CFD code. The inlet boundary conditions 
for each individual blade should then be changed to reflect the specific flow conditions 
provided by the three dimensional blade analyses. Based on the results, the necessary 
modifications should be done to the blades and the final step of the three dimensional 
simulation should start. In the final CFD step, each individual stage should first be 
modeled and then the entire compressor. Once again, based on the results, the compressor 
should be refined until the performance is satisfying. These steps would complete the 
design point investigation and thus, the off-design evaluation should now be executed. At 
this point, the benefits of counter-rotation should be evaluated. If the implementation of 
counter-rotation still appears to be beneficial, the mechanical aspects involved in the 
construction and operation of a counter-rotating engine should be evaluated. If the 
mechanical difficulties do not outweigh the benefits a prototype should be built and 
tested to numerically evaluate the performance of a counter-rotating compressor. 
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